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Abstract 
High temperature, high pressure transcritical condensing CO2 cycle (TC-CO2) is compared with transcritical steam (TC-steam) 
cycle. Performance indicators such as thermal efficiency, volumetric flow rates and entropy generation are used to analyze the 
power cycle wherein, irreversibilities in turbo-machinery and heat exchangers are taken into account. Although, both cycles yield 
comparable thermal efficiencies under identical operating conditions, TC-CO2 plant is significantly compact compared to a TC-
steam plant. Large specific volume of steam is responsible for a bulky system. It is also found that the performance of a TC-CO2 
cycle is less sensitive to source temperature variations, which is an important requirement of a solar thermal system. In addition, 
issues like wet expansion in turbine and vacuum in condenser are absent in case of a TC-CO2 cycle. External heat addition to 
working fluid is assumed to take place through a heat transfer fluid (HTF) which receives heat from a solar receiver. A TC-CO2 
system receives heat though a single HTF loop, whereas, for TC-steam cycle two HTF loops in series are proposed to avoid high 
temperature differential between the steam and HTF.  
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1. Introduction 
Cost of solar field associated with a concentrated solar power (CSP) plant takes a major fraction from the total 
investments. To decrease the levelized cost of energy, one would like to increase the conversion efficiency of heat to 
electricity in a power block. In this regard, for low temperature (< 300 °C) power plants, organic fluids have been 
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proposed in Rankine cycle in place of steam [1-3]. Although steam based Rankine cycle is preferred for high 
temperature power plants (~ 500-600 °C), issues like wet expansion in the turbine and sub atmospheric condenser 
pressure are unavoidable. High pressure high temperature CO2 based Brayton cycles promise to address such issues 
[4-5]. In the past, these cycles have also been proposed for nuclear or solar thermal applications [6-7]. In a TC-CO2 
cycle, improvement in thermal efficiency is possible by condensing CO2 and using a pump to pressurize the fluid 
instead of compressing gaseous CO2 as in case of Brayton cycles. This paper provides the detailed thermodynamic 
analysis of both transcritical CO2 and steam based cycles for concentrated solar thermal applications.  
 
Nomenclature 
 
amb ambient              Subscripts 
h             specific enthalpy, kJ/kg                                           c   critical 
HTF        heat transfer fluid                                                    i  inlet 
p pressure, bar                                                             o   outlet 
s specific entropy, kJ/kg K                                        th                  thermal    
T temperature, K                                                       1, to 6            states on ideal thermodynamic cycle 
TC transcritical condensing                                       
VFR volumetric flow rate, m3/s                                     Superscript    
                 ′                    states on real thermodynamic cycle 
Greek letters                                                                                  
η              efficiency                                                                                                      
ρ              density, kg/m3                          
  
2. Thermodynamic cycle 
The schematic of a transcritical condensing cycle (TC-) is shown in Fig. 1. Thermodynamic processes for this 
cycle are, represented on a T-s chart in Figs. 2a and 2b for CO2 and steam respectively. Specific feature of this cycle 
is that turbine inlet pressure (high side pressure) is higher than critical pressure (pc) of the working fluid whereas 
condenser pressure (low side pressure) is lower than pc. Higher turbine exhaust temperatures in case of TC-CO2 
cycle, offers great potential for heat recovery using a regenerator. On the other hand, large temperature drop during 
expansion leaves no potential for heat recovery in a steam based cycle, hence, regenerator is absent as shown in Fig. 
2b. External heat addition to working fluid takes place via a heat transfer fluid (HTF) in a counter flow heat 
exchanger. In turn, HTF can be heated through concentrated solar power (CSP) or by other means like fossil fuels or 
coal.  
In general, in any power cycle, ambient is the default choice for the sink, hence the condenser temperature should 
be slightly higher than the ambient temperature. Critical temperature of CO2 being 304.13 K, TC-CO2 cycles can 
find their application in low ambient temperature locations only. Accordingly, in our analysis the condenser 
temperature (T1) is fixed at 300 K for both steam and CO2 cycles. Thermodynamic properties of both the working 
fluids are listed in Table.1. It can be noticed that critical pressure and temperature of CO2 are smaller than steam. 
However, at a condenser temperature of 300 K, steam operates under sub-atmospheric pressures whereas CO2 is in 
highly pressurized state.  
Table 1. Thermodynamic data for the steam and CO2 [8] 
 CO2 Steam 
Tc (K) 304.13 647.1 
pc (bar) 73.77 220.64 
psat at 300 K (bar) 67.131 0.035 
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Fig. 1. Schematic of power plant. 
* applicable only for CO2 condensing cycle 
 
 
 
               Fig. 2. (a) TC-CO2 cycle on T-s chart; (b) TC-steam cycle on T-s chart. 
2.1. Assumptions 
Following assumptions are made for the notional power generation of 100 kW in a transcritical condensing cycle. 
 
i. Turbine inlet temperature (T3 or T3′) is fixed at 873 K. However, in order to ascertain the effect of source 
temperature on various performance indicators, it is varied from 500 to 1000 K. For irreversibility calculations, 
ambient temperature (Tamb) of 298 K is considered. 
ii. Isentropic efficiencies of the turbine and the pump are considered to be 75 and 80 % respectively. These are 
expressed as  
 3 43 4   η  0.75    T
h h
h h
c c
c
            (1) 
 
 2 12 1   η  0.80    p
h h
h hc
            (2) 
iii. Minimum quality at turbine exit is restricted to 85 % for TC-steam cycle. 
iv. Minimum temperature difference is limited by 10 K for heat exchange between warm and cold side in 
regenerator and heater. 
iv. Pressure drop of 3.5 % is assumed to take place in the heat addition and rejection processes. Mathematically,  
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 p2 - p3 = 0.035 p2           (3) 
 p4 - p1 = 0.035 p4          (4) 
v. Pressure drops in the regenerator and the boiler for the high pressure stream, and those in the regenerator and the 
condenser for the low pressure stream are apportioned in the same ratio as the enthalpy change in the respective 
streams. Mathematically, 
5 2
5 2 2 3
3 2
( ) h hp p p p
h h
c
c c c
c c
             (5) 
4 6
6 4 4 1
4 1
( ) h hp p p p
h h
c
c c
c
             (6)           
2.2 Performance indicators  
The parameters of interest are  
(i) overall thermal efficiency of cycle defined as 
' ' '
'
13 4 2
53
( ) ( )
th
h h h h
h h
K              (7) 
 (ii) volumetric flow rate at the inlet and outlet conditions of the turbine 
,
3
wf
turbine inlet
m
VFR U c             (8) 
,
4'
wf
turbine outlet
m
VFR U           
(9) 
(iii) irreversibility generation in the individual components  ' 12  pump wf ambI m T s s             (10) ' '5 6 2 4 regenerator wf ambI m T s s s s                         (11) 
 ' '53 53[ ( ) ]oHTF
iHTF
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' '4 3 turbine wf ambI m T s s               (13)   
1 6
1 6 condenser wf amb
amb
h hI m T s s
T
§ ·  ¨ ¸© ¹
         (14) 
Detailed derivation of eq. (12) can be found in [3]. In eq. (14), it is assumed that condenser is air cooled. All 
calculations are performed using Matlab 7.10.0 (R-2010) platform. The program invokes REFPROP [8] for all 
thermodynamic property calculations.  
3. Results and discussion 
3.1. Transcritical condensing cycles 
Referring to Figs. 2a and 2b, we note that under identical operating conditions (T1 = 300 K, T3' = 873 K, p2' = 300 
bar), there are striking differences between the two cycles. Firstly, as stated earlier, steam expands in two-phase 
regime offering no potential for heat recovery from turbine outlet. In contrast, significantly higher turbine exhaust 
temperatures in a TC-CO2 cycle offer great potential for heat recovery to the extent that the amount of heat 
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recovered can be more than the net work generated. Secondly, we observe a significant rise in pump discharge 
temperature for CO2 when compared to near isothermal pumping for steam. 
In a CSP, direct heating of working fluid in solar receiver may cause fluctuations in power output due to variation 
in solar radiation. To avoid this, typically an HTF loop aided by a storage unit is used. In this scheme, HTF is first 
heated in a solar receiver and then is stocked in a storage unit from where it is passed to a heater to heat up the 
working fluid in the power cycle. Charging of storage unit depends upon the solar radiation available, whereas its 
discharge is fixed for the given amount of power generation in the cycle. Thus, it is recharged in the peak radiation 
hours and acts as a buffer in the diminished hours. In this paper, we simulate a CSP with a continuous power output 
of 100 kW as per the above scheme where fluctuations are damped in the storage unit. 
Fig. 3 shows the temperature profiles of HTF and working fluid during heat transfer in a counter flow exchanger. 
Mathematical formulation for ascertaining the temperature profile of an HTF having specific heat constant in the 
range of operation is provided in [3] and is beyond the scope of this paper. In the case of CO2 cycle, since 
regenerator contributes significantly to heat addition, the quantity of external heat required is restricted to the high 
temperature range (state 5 to 3) as shown in Fig. 3a. One may also note that the temperature differential between 
HTF and CO2 remains more or less constant (~10-20 K). However, in case of steam cycle, this temperature 
difference can be predominantly higher (> 200 K) as revealed in Fig. 3b. Other noticeable difference is the range of 
operation of HTF. For example, in case of CO2 cycle, TiHTF = 893 K and ToHTF = 615 K whereas for steam cycle, 
TiHTF = 1120 K and ToHTF = 320 K. Operation of HTF in a larger temperature range of in case of steam cycle could 
lead to following issues. 
a. For the same T3’, required heat source temperature (TiHTF) for steam cycle is higher than corresponding 
CO2 cycle. This leads to higher concentration ratio requirement in a solar receiver for a TC-steam cycle. 
b. Wider operational temperature range of HTF in case of TC-steam cycle leaves a narrower band of HTFs 
for selection. 
These issues can be mitigated by using a two stage heat addition process for TC-steam cycle. Although, it adds 
extra HTF loop in the system, issues associated with high TiHTF can be effectively resolved as shown in Fig. 3c. In 
the proposed double stage heat addition scheme, pump outlet is serially routed through low and high temperature 
HTF loops as shown in Fig. 3c. First stage of heat addition up to point A in the temperature range ~300-650 K takes 
place in the low temperature HTF loop (HTF1). The heated steam at point A is then passed to a second HTF loop 
(high temperature HTF2) where it receives the remaining heat raising its temperature from 650 to 873 K. Comparing 
single stage (Fig. 3b) with the double stage heat addition (Fig. 3c), we note that the maximum HTF temperature has 
dropped from 1120 to 900 K. Also, two different HTFs can be used in the latter scheme, making the selection of 
HTF easier than in the former. However, point A in Fig. 3c needs to be optimized based on minimum irreversibility 
generation in the heater.   
 
 
Fig. 3. Temperature profiles of HTF and working fluid inside heater. (a) single stage HTF-CO2 heater; (b) single stage HTF-steam heater; (c) 
double stage HTF-steam heater. 
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Fig. 4 shows the dependence of thermal efficiency on high side pressure for CO2 and steam cycle at T3' = 873 K. 
In the present analysis, the minimum thermal efficiency for both cycles is set at 30 %. As a result for TC-CO2 cycle, 
the minimum high side pressure (p2’) > 180 bar (i.e. expansion ratio > 2.5). However, in case of steam the minimum 
high side pressure is fixed by the critical pressure of 220 bar. From Fig. 4 we note that unlike the case of TC-CO2 
cycle, the thermal efficiency of steam cycle hardly varies with expansion ratio. TC-CO2 offers a marginal 2 % 
increase in optimum thermal efficiency than the TC-steam cycle. Peaks in thermal efficiency are observed at very 
high pressure (> 350 bar) in both cases. Hence, a practical limit of 300 bar is put on all the cycles for further 
analysis.  
 
 
 
 
 
 
 
 
Fig. 4. Thermal efficiency of cycle against pump outlet pressure at T1 = 300 K and T3’ = 873 K. 
 Legend: ◊ TC-steam cycle, x TC-CO2 cycle 
 
Fig. 5 illustrates the effect of source temperature on thermal efficiency for TC-CO2 and TC-steam cycle at p2’ 
=300 bar. As expected, thermal efficiency increases with source temperature but the rate of change for TC-steam 
cycle is fairly linear compared to a flatter rise in thermal efficiency for the TC-CO2 cycle. For temperatures below 
~825 K, dryness fraction at turbine exhaust (q4') tends to become lower than 85 %, hence the minimum source 
temperature limit for TC-steam cycle is reached. Similarly, cut-off temperatures for TC- CO2 cycle are found to be 
760 K due to constraint of minimal thermal efficiency of 30 %. Under identical operating conditions, a TC-CO2 
cycle provides a wider operational temperature range compared to a TC-steam cycle.  
 
 
 
 
 
 
 
Fig. 5. Thermal efficiency of cycle against source temperature at T1 = 300 K and p2’ = 300 bar.  
Legend: ◊ TC-steam cycle, x TC-CO2 cycle 
 
A power plant designer uses VFR values to estimate the cross-sectional area of pipeline. Fig. 6 shows the 
volumetric flow rates at turbine inlet (VFRturbine,inlet) and outlet (VFRturbine,outlet) in both the cycles for a 100 kWe 
power plant. As expected, VFRturbine,inlet decreases with increase in source temperature (T3’). This is attributed to 
decrease in mass flow rate with increase in source temperature for a given throughput. Although, VFRturbine,inlet is 
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more or less comparable for both the cycles, VFRturbine,outlet for steam cycle is about 100 times higher than 
corresponding CO2 cycle.  
In general, turbine exhaust corresponds to the largest specific volume and hence, the maximum VFR at this 
location in any power cycle. Decrease in it may result in scaling down the whole plant. In the present case, we use 
this observation to estimate the turbine exhaust pipeline cross sectional area at p2’ =300 bar and T3’ =873 K for both 
the cycles. For the identical turbine exhaust velocities, the ratio of their VFRturbine,outlet provides the information about 
pipeline area ratios required for both the working fluids. It is found that cross sectional area of steam pipeline should 
be ~179 larger than a CO2 pipeline. As a result, the diameter of a CO2 pipeline turns out to be ~1/7th of a steam 
pipeline. This simple exercise reveals the fact that TC-CO2 power plant will be notably compact than corresponding 
TC-steam plant.  
Further, a detailed heat transfer analysis is needed to throw some light on the individual component sizes in the 
two cycles. For example, in case when air is used as a cooling media in the condenser of any power cycle; generally, 
heat transfer coefficient on air-side is found to dictate its size. In our case, although, condenser loads and overall 
heat transfer coefficients are comparable for both the cycles, higher LMTD across the condenser of TC-CO2 cycle 
will result in smaller heat transfer area. In addition, higher packing density of condensing tubes can be achieved in 
TC-CO2 cycle to further reduce the condenser size.  
 
 
 
 
 
 
 
 
 
Fig. 6. Turbine inlet and outlet volumetric flow rate for various source temperature at T1 = 300 K and p2’ = 300 bar. 
Legend: VFRturbine,inlet  (left ordinate), VFRturbine,outlet (right ordinate),  ◊ TC-steam cycle, x TC-CO2 cycle 
3.2. Irreversibility analysis 
To account for losses in the various components of a power plant, detailed irreversibility analysis is needed. 
Irreversibility trend for both the cycles are presented in Figs. 7 and 8 for various source temperatures. High side 
pressure and sink temperature are fixed at 300 bar and T1 =300 K.  
Referring to Fig. 7, we observe that all components except regenerator show a diminishing trend in irreversibility 
with increase in T3. This is because of the fact that mass flow rate required to generate the given capacity decreases, 
so does the irreversibility. However, in the case of a regenerator, amount of heat transferred across finite 
temperature difference increases resulting in higher irreversibility. For steam cycle, irreversibility in turbine, pump 
and condenser show minimal variation with source temperature. Increasing irreversibility in heater is analogues to 
the regenerator in the CO2 cycle. A distinct feature of both the cycles is trend of total irreversibility generation with 
source temperature. While it decreases for CO2 cycle indicating improvement in cycle performance, same is not true 
for steam cycle. However, total irreversibility generation for both cycles is more or less identical at T3 = 1000 K.  
Fig. 8 provides information about component wise distribution of irreversibility for both the cycles at p2’ =300 
bar, T1 =300 K and T3 =1000 K. The components are characterized based on the thermodynamic process. Pump and 
turbine are classified as power block elements in which isentropic processes are desirable. Rest of the components 
like condenser, heater and regenerator (only in case of CO2 cycle) are groups as heat exchangers. For a TC-steam 
cycle, losses in power block are found to be 59 % compared to 36 % in case of a TC-CO2 cycle. Irreversibility in 
power block elements depends on the isentropic efficiencies of turbo-machinery. Whereas in the case of heat 
exchangers, total heat addition in heater and regenerator results in 55 % availability losses in a TC- CO2 cycle 
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compared to 39 % for a TC-steam cycle employing single HTF loop. When two HTF loops are used in series, the 
availability losses drop to 27 %. Since availability losses in the regenerator of TC-CO2 cycle account for internal 
irreversibilities, decreasing it would yield better thermal efficiencies.  
 
Fig. 7. Component wise and total irreversibility for various source temperature at T1 = 300 K and p2’ = 300 bar. (a) TC-CO2; (b) TC-steam cycle 
with single stage HTF loop; (c) TC-steam cycle with double stage HTF loop. Legend: □ total irreversibility, ∆ regenerator, ◊ turbine, ○ 
condenser,   x pump, * heater 
 
 
Fig. 8. Component wise and total irreversibility for various source temperature at T1 = 300 K and p2’ = 300 bar. a. TC-CO2 cycle with single stage 
HTF loop; b. TC-steam cycle with single stage HTF loop; c. TC-steam cycle with double stage HTF loop. 
4. Conclusions 
The paper analyzes transcritical condensing steam and CO2 cycles for concentrated solar power generation. 
Although both the cycles offer more or less identical thermal efficiencies, issues like wet expansion in the turbine 
and vacuum in the condenser are absent in the latter case. Some of factors to be considered while selecting between 
TC-CO2 and TC-steam cycle for a CSP are listed below. 
i. In a TC-steam cycle, external heat addition takes place between 320 and 873 K whereas a TC-CO2 cycle demands 
roughly the same amount of heat in the temperature range from 600 to 873 K. This could add to the cost of solar 
field in the latter case.  
ii. Although, regenerator is an extra hardware in a TC-CO2 cycle, turbine and condenser are found to be the biggest 
components in any power cycle. In case of TC-CO2 cycle, lower volumetric flow rates at its expander exit are bound 
to result in compact turbine and condenser.  
iii. Wider range of source temperature for a TC-CO2 cycle is possible with minimal sacrifice in efficiency. 
iv. Multiple HTF loops are required in case of TC-steam cycle to make the choice of HTF easier and reduce exergy 
destruction.  
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